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Yaw rate
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Friction brakeA signiﬁcant challenge in electric vehicles with multiple motors is how to control the individual drive-
trains in order to achieve measurable beneﬁts in terms of vehicle cornering response, compared to con-
ventional stability control systems actuating the friction brakes. This paper presents a direct yaw
moment controller based on the combination of feedforward and feedback contributions for continuous
yaw rate control. When the estimated sideslip exceeds a pre-deﬁned threshold, a sideslip-based yaw
moment contribution is activated. All yaw moment contributions are entirely tunable through model-
based approaches, for reduced vehicle testing time. The purpose of the controller is to continuously mod-
ify the vehicle understeer characteristic in quasi-static conditions and increase yaw and sideslip damping
during transients. Skid-pad, step-steer and sweep steer tests are carried out with a front-wheel-drive
fully electric vehicle demonstrator with two independent drivetrains. The experimental test results of
the electric motor-based actuation of the direct yaw moment controller are compared with those deriv-
ing from the friction brake-based actuation of the same algorithm, which is a major contribution of this
paper. The novel results show that continuous direct yaw moment control allows signiﬁcant ‘‘on-
demand’’ changes of the vehicle response in cornering conditions and to enhance active vehicle safety
during extreme driving maneuvers.
 2015 The Authors. Published by Elsevier Ltd. This is anopenaccess article under the CCBY-NC-ND license
(http://creativecommons.org/licenses/by-nc-nd/4.0/).1. Introduction without varying the overall wheel torque in traction or brakingThe majority of the fully electric vehicles currently on the mar-
ket have a basic drivetrain conﬁguration, consisting of a single on-
board electric motor drive, which is connected to the driven
wheels through a single-speed transmission, an open differential
and half-shafts [1–5]. However, many industrial and academic
researchers are developing drivetrain layouts with multiple motors
[6,7], which promise considerable performance enhancements in
terms of vehicle behavior and active safety. Hence, the assessment
and optimization of the performance achievable through different
drivetrain conﬁgurations for fully electric vehicles is one of the
main areas in automotive research.
For instance, two electric motors installed on the same axle
allow a direct yaw moment control (also deﬁned as torque-vector-
ing), i.e., the generation of a yaw moment through an asymmetric
wheel torque distribution [8,9]. The yaw moment can be achievedconditions, unless the electric motor drives are operating close to
their torque limits. A similar decoupling between yaw moment
and wheel torque demand can be achieved through the adoption
of a central electric motor drive and a torque-vectoring differential
[10], or through the drivetrain concept presented in [11], consist-
ing of a main motor for vehicle traction and a second motor provid-
ing the required torque-vectoring effect.
Direct yaw moment control is also the fundamental idea
behind existing vehicle stability control systems for internal com-
bustion engine-driven vehicles [12–14]. These systems keep the
vehicle within its stability limits, through engine torque reduction
and actuation of individual friction brakes. However, in this case
the yaw moment generation is achieved at the price of an
increased overall braking torque, which reduces vehicle speed.
Therefore, the friction brake-based intervention of stability con-
trol systems is mainly carried out as an emergency measure, only
when the offset between the reference and actual values of vehi-
cle yaw rate or sideslip angle goes beyond an assigned threshold
[12,15].
Nomenclature
The subscripts ‘F’ and ‘R’ respectively refer to the front axle and the
rear axle. The symbols ‘ _ ’ and ‘ € ’ respectively indicate
the ﬁrst and second time derivatives of a variable. The sym-
bol ‘^’ indicates an estimated variable. The symbol ‘0’ indi-
cates an initial condition or a steady-state value. The
subscripts ‘MIN’ and ‘MAX’ respectively indicate the mini-
mum and maximum values of a variable.
a front semi-wheelbase
ax longitudinal vehicle acceleration
ax,8s the average value of measured vehicle acceleration dur-
ing the 8s following the steering wheel input
ay lateral vehicle acceleration
ay maximum lateral acceleration in the linear region of the
understeer characteristic
A, B, C, D matrices of the continuous state-space formulation of
the system
Apiston area of the brake caliper piston
Ar, Br, Cr, Dr, Er, Fr, Gr terms of the yaw rate transfer functions
b rear semi-wheelbase
BCA, CCA, DCA, HCA, u, c matrices and weight deﬁning the wheel
torque distribution criteria (control allocation)
C axle cornering stiffness
cAVC Active Vibration Controller gain
chs half-shaft torsion damping coefﬁcient
cp stiffness parameter of the brush tire model
Cvalve valve coefﬁcient (including oriﬁce dimension and dis-
charge coefﬁcient)
c1; c2 weighting factors used within the PSO algorithm
d track width
D disturbance term of the state-space formulation
DR damping ratio
er yaw rate error
et anti-windup variable, equal to the difference between
the unsaturated yaw moment, Mþz;tot , and the saturated
yaw moment, Mz,tot
eb sideslip angle error
f number of step steers considered within the PSO algo-
rithm
fr tire rolling resistance coefﬁcient
Fx longitudinal tire force
Fy lateral tire force
Fy lateral tire force contribution in the matrix D of the sin-
gle-track vehicle model
Fz vertical tire force
GFFdyn transfer function from d to M
FF
z;dyn
Gf increment of torque demand oscillation frequency per
unit time during the tests of Figs. 4 and 5
Gr,dyn transfer function between rref,SS and r when the effect of
the dynamic feedforward contribution is not included
Gr;dyn reference transfer function from rref,SS to rref
GMz transfer function from Mz to r
Gd transfer function from d to r
h index corresponding to a speciﬁc particle of the swarm
hCG height of the center of gravity
it1 gear ratio of the ﬁrst transmission stage
it2 gear ratio of the second transmission stage
j index referring to the step steers considered within the
PSO algorithm
J cost function to be minimized within the control alloca-
tion algorithm
Jhs mass moment of inertia of the half-shafts
Jm mass moment of inertia of the rotating parts of the elec-
tric motor
Jr cost function to be minimized by the PSO algorithm
Jt1 mass moment of inertia of the transmission primary
shaft
Jt2 mass moment of inertia of the transmission secondary
shaft
Jt3 mass moment of inertia of the transmission output shaft
Jw mass moment of inertia of the wheel
Jz vehicle yaw moment of inertia
k discretization index
khs half-shaft torsion stiffness
KP proportional gain of the yaw rate controller
Kb ﬁtting factor of the caliper volume displacement model
KlinU understeer gradient in the linear part of the understeer
characteristic
Kb proportional gain of the sideslip controller
L wheelbase
lp half length of tire contact patch
m vehicle mass
Mz generic yaw moment
MFBz feedback part of the yaw moment contribution based on
yaw rate
MFFz;dyn dynamic part of the feedforward yaw moment contribu-
tion
Mz,r reference yaw moment from the yaw rate controller
MFFz;stat static part of the feedforward yaw moment contribution
Mþz;tot reference yaw moment before saturation
Mz,tot reference yaw moment after saturation
Mz,b sideslip part of the yaw moment
n number of iterations of the PSO algorithm
OSr yaw rate overshoot
pacc accumulator pressure in the electro-hydraulic braking
system unit
pb caliper pressure
ph velocity of the particle h
Pm,MAX maximum drivetrain powereq global best position of the swarm
qh position of the particle h
qh best position of particle h
Qb ﬂow rate through the equivalent valve of the electro-
hydraulic braking system
r yaw rate
rMAX,j peak value of vehicle yaw rate during the speciﬁc step
steer test
rref,SS steady-state reference yaw rate
rref reference yaw rate
rMAX maximum value of yaw rate measured during a step
steer test
r1; r2 randomly generated numbers with uniform distribution
between 0 and 1
R skid pad radius
Rl laden radius of the tire
s Laplace operator
t time
tMAX time at which rMAX is achieved
trise rise time
tsettling settling time
Tb friction brake torque
TD derivative parameter of the PID controller
Ths half-shaft torque
TI integral parameter of the PID controller
Tm electric motor torque
Tm,amp electric motor torque amplitude during the tests of
Figs. 4 and 5
Tm,av average torque of the electric motor during the tests of
Figs. 4 and 5
Tm,dem electric motor torque demand
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Tm,dem,AVC electric motor torque demand corrected by the AVC
TT anti-windup parameter of the PID controller
Twheel wheel torque
Tw total wheel torque demand (to be distributed among the
wheels)
v virtual control vector for the control allocation strategy
V vehicle velocity
Vb brake ﬂuid volume displacement
w process noise
win inertia weight
w1, w2 weighting factors for the cost function of the PSO algo-
rithm
W Jacobian of the process noise
x state vector
xclear initial clearance between pad and disc
xopening valve opening
y output vector
z measurement noise
Z Jacobian of the measurement noise
a tire slip angle
asl value of tire slip angle at which the whole contact patch
is subject to sliding within the brush tire model
b vehicle sideslip angle
bpeak peak value of sideslip angle
bTH sideslip angle threshold for the activation of the sideslip
controller
bTH,MAX value of bTH at the vertex of the rhomboidal stability re-
gion
d steering wheel angle
db ﬁtting factor of the caliper volume displacement model
dw steer angle (at the wheel)
dw,dyn dynamic steer angle (at the wheel)
dw,kin kinematic steer angle (at the wheel)
Dt discretization time step
D#hs torsion angle of the half-shafts
gCV1 efﬁciency of the inner constant-velocity joint
gCV2 efﬁciency of the outer constant-velocity joint
gt1 efﬁciency of the ﬁrst transmission stage
gt2 efﬁciency of the second transmission stage
#backlash equivalent backlash of the transmission system
#m angular displacement of the shaft of the electric motor
drive
#w angular displacement of the wheel
hy coefﬁcient for the calculation of the lateral tire force
l tire-road friction coefﬁcient
qb brake ﬂuid density
q1, q2 parameters for the transition from yaw rate control to
sideslip control (yaw moment weighting)
r tire slip ratio
sr time constant for the computation of the reference yaw
rate
sW array with the four wheel torques
u roll angle
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electric motor drives can be continuously and smoothly actuated,
and therefore can incorporate functionalities in addition to
safety-related features, such as comfort and ‘fun-to-drive’
enhancements [16]. In this respect, Refs. [17,18] provide a simula-
tion-based analysis of the beneﬁts of direct yaw moment control-
lers for fully electric vehicles. A signiﬁcant body of literature
(e.g., [19]) deals with control allocation algorithms, e.g., for gener-
ating the reference yaw moment such that electric motor power
losses are minimized in four-wheel-drive vehicles.
From the actuation viewpoint, Ref. [20] discusses the effect of
the delay in the actuation of the friction brakes for the direct
yawmoment control of an internal combustion engine driven vehi-
cle. Step steer test results with the direct yaw moment controller
obtained on a Hardware-in-the-Loop test rig (with a commercial
hydraulic braking system control unit) are compared with those
from the vehicle without any controller, and those from the vehicle
with the ideal actuation of the same direct yaw moment controller
(designed for ensuring stability in emergency maneuvers). How-
ever, the experimental comparison of the electric drivetrain-based
actuation of direct yaw moment control and the conventional fric-
tion brake actuation is not discussed in the literature. This paper
covers this subject through a set of novel experimental results.
Continuous yaw moment control allows the implementation
of different driving modes for cornering conditions. Several
industrial patents, for example [21–23], present driving modes
selectable by the driver. These driving modes are typically based
on tunings of speciﬁc vehicle subsystems, (e.g., active suspen-
sion, activation/de-activation of the vehicle stability control sys-
tem, drivetrain response) and are not related to a global
objective such as the tracking of a different set of vehicle under-
steer characteristics.
This paper presents a direct yaw moment controller for a fully
electric vehicle with multiple on-board motors. The main contribu-
tions of this research (not yet covered in detail in the literature) are: The experimental analysis (based on actual vehicle tests) of the
performance improvement that can be achieved with respect to
the actuation of the same direct yaw moment controller
through the friction brakes only.
 The experimental demonstration of the effectiveness of the pre-
sented off-line optimization procedure (veriﬁed through simu-
lations in previous research of the same authors but not
through vehicle tests) for the generation of the static feedfor-
ward yawmoment contribution. This allows shaping the under-
steer characteristic of the vehicle, depending on the selected
driving mode, with very signiﬁcant reductions of the tuning
time of the control system on the proving ground. This novel
procedure is also applicable to internal combustion engine dri-
ven vehicles with torque-vectoring differentials, which can fur-
ther extend their beneﬁts through the a-priori design of the
steady-state cornering characteristics.
 The demonstration of a model-based automated tuning proce-
dure of the gains of the feedback part of the yaw moment con-
troller, through a particle swarm optimization algorithm.
These three points are essential for moving forward the scien-
tiﬁc and industrial knowledge on direct yaw moment controllers
for fully electric vehicles with multiple motors, including effective
tuning procedures for enhancing the achievable performance and
limiting the development and tuning time, thus making them
products suitable for real-world vehicle implementations.
The paper is organized as follows:
 Section 2 presents the overall layout of the vehicle demonstra-
tor, implemented within the European FP7 project E-VECTOORC
(Electric Vehicle Control of the Individual Wheel Torque in On-
and Off-Road Conditions, [24]).
 Section 3 describes the vehicle models adopted for control
system design and their validation, with speciﬁc focus on the
experimental assessment of the actuation system (i.e., the
Fig. 1. The vehicle demonstrator set up for dynamic tests at the Lommel proving
ground (Belgium).
Fig. 2. Schematic of the vehicle demonstrator layout. M1 and M2: electric motors;
I1 and I2: inverters; SCB: Slip Control Boost unit (electro-hydraulic braking system).
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 Section 4 presents the direct yaw moment control structure,
allowing the selection of driving modes based on a high-level
control objective.
 Section 5 discusses the experimental results in quasi-static and
transient conditions, and critically analyzes the performance
beneﬁts allowed by the actuation of direct yaw moment control
through the electric drivetrains.
2. The vehicle demonstrator
The case-study vehicle is a Range Rover Evoque prototype
(Fig. 1) with two on-board electric drivetrains installed on the front
axle (Fig. 2), and a 400 V battery pack (nickel–metal hydride cells).
Each drivetrain consists of a switched reluctance electric motor,
which is linked to the wheel through a two-stage single-speed
transmission system, constant-velocity joints and a half-shaft.
The on-board electric drivetrain layout is necessary with the cur-
rent power density of electric motor technology, for such a high-
power drivetrain layout, as an in-wheel conﬁguration would poseTable 1
Main vehicle parameters.
Symbol Description Quantity
m Vehicle mass 2230 kg
Jz Yaw moment of inertia 2761 kg m2
a Front semi-wheelbase 1.41 m
b Rear semi-wheelbase 1.25 m
dF Front track width 1.628 m
dR Rear track width 1.628 m
hCG Height of the center of gravity 0.6 m
Pm,MAX Maximum drivetrain power 160 kWsigniﬁcant packaging issues. The main vehicle parameters are pro-
vided in Table 1. The efﬁciency maps of the electric motor drives
were measured on a test rig by the electric motor manufacturer
[24]. The vehicle demonstrator includes an electro-hydraulic brak-
ing system unit (Slip Control Boost unit, SCB in Fig. 2), allowing
individual pressure control at the calipers, and decoupling caliper
pressure and brake pedal force.
3. Simulation models and experimental validation
3.1. Vehicle models
Three simulation models were adopted during the design phase
of the direct yaw moment controller:
 A quasi-static model [17] for simulating the steady-state vehicle
cornering response. The model is based on the assumption that
the time derivatives of the main state variables are zero during
steady-state cornering, i.e., _u ¼ _r ¼ _r ¼ 0, but ax– 0. The model
includes suspension elasto-kinematics and the non-linear
behavior of tires through the Magic Formula. As will be
described in Section 4.3, the model is used for the optimiza-
tion-based design of the multi-dimensional look-up tables
required in the steady-state feedforward part of the yaw
moment controller. The main advantage of this model with
respect to conventional simulation models in the time domain
is the ease of calculation of the understeer characteristics for
non-zero values of longitudinal acceleration;
 Linear and non-linear single-track vehicle models for: (i) linear
analysis of vehicle frequency response and control system
design in the frequency domain; and (ii) optimization-based
tuning of the yaw moment controller;
 An integrated IPG CarMaker–Simulink vehicle dynamics model
for the ﬁne tuning of the yaw moment controller before testing
on the prototype vehicle. In particular, the chassis and tire mod-
els are implemented in CarMaker, whilst the drivetrain model
(including the ﬁrst order torsional dynamics) and the electro-
hydraulic braking system model are implemented in Simulink
(details provided in the next section), according to a Car-
Maker–Simulink co-simulation framework. The vehicle model
includes control signal discretization and an estimation of the
CAN bus delays according to the approach detailed in [25].
The models were validated with a comprehensive set of exper-
imental data obtained from real-world steady-state and transient
maneuvers with the Range Rover Evoque. As exemplary validation
plots, Fig. 3 shows the good match between experiments and Car-
Maker model results during a skid pad test [26].
3.2. The electric drivetrains and the active vibration controller
To capture the drivetrain dynamics of the prototype vehicle, the
electric drivetrains are recreated in a lumped-parameter Matlab
Simulink model, which is integrated in the CarMaker model (see
Section 3.1). In particular, the Simulink drivetrain model uses the
torque balance equation for the rotating parts of the electric motor
drive and transmission:
Tm  Thsit1it2gt1gt2gCV1
¼ Jm þ Jt1 þ
i2t1
gt1
Jt2 þ
i2t1i
2
t2
gt1gt2
Jt3 þ
Jhs
2gCV1
 " #
€#m ð1Þ
The backlash distributed throughout the drivetrain is included
with an equivalent lumped-backlash model at the half-shafts:
Ths ¼ chsD _#hs þ khsD#hs ð2Þ
where D#hs is given by:
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Fig. 3. Experimental and CarMaker–Simulink model results of a skid pad test carried out at R = 60 m.
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Fig. 4. Experimental and simulated vehicle acceleration proﬁles without and with AVC during an electric motor torque chirp signal test.
Fig. 5. Experimental vehicle acceleration proﬁles during tip-in tests from 60 km/h
with and without the AVC, with ﬁnal Tm,dem = 30 Nm.
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0; if j#mit1it2#wj<#backlash
ðj#mit1it2#wj#backlashÞsignð#mit1it2#wÞ; if j#mit1it2#wjP#backlash

ð3Þ
The wheel dynamics are considered by:
Twheel  Tb  FxRl  f rFzRl ¼ Jw €#w ð4Þ
where the wheel torque, Twheel, is:
Twheel ¼ ThsgCV2 
JhsgCV2
2
€#w ð5Þ
The strong interrelationship between longitudinal vehicle dynamics
and the torsional dynamics of the drivetrains was investigated with
speciﬁc vehicle tests. In particular, to identify the system dynamics
a chirp signal of electric motor torque demand was simultaneously
assigned to each powertrain, while sweeping frequencies between 0and 30 Hz, such that Tm,dem = Tm,av + Tm,ampsin(2pGft2). For the spe-
ciﬁc test of Fig. 4, Tm,av = 18.75 Nm, Tm,amp = 12.5 Nm and Gf = 5 -
Hz/s. The ﬁgure shows the experimental vehicle response for the
test case (denoted as ‘AVC OFF’ in the ﬁgure). The area of interest
in the dynamic response ranges up to 15 Hz, including the reso-
nance peak (approximately at 8 Hz at 6.6 s) and the relevant part
of the decay (3 dB with regards to static response) at 15 Hz. The
resonance frequency of the electric drivetrain mainly depends on
the values of motor inertia and torsion stiffness of the half-shaft
assembly. This underdamped behavior is typical of electric drive-
trains, as the very fast actuator – the electric motor drive – is not
coupled with a clutch damper, commonly found on internal com-
bustion engine drivetrains [27,28].
The signiﬁcant resonance peak could result in drivability and
(possibly) yaw stability problems in case of fast modulations of
the motor torque during transients. Therefore, a speciﬁc anti-jerk
control function, called Active Vibration Controller (AVC) [29],
has been implemented. Its effect corresponds to the one of a virtual
damper, connecting the wheel to the electric drivetrain. As a con-
sequence, the AVC is based on the difference (reported to the same
shaft) between motor speed and wheel speed. The corrected motor
torque demand is given by:
Tm;dem;AVC ¼ Tm;dem  cAVCð _#m  _#w=ðit1it2ÞÞ ð6Þ
where cAVC is the AVC tuning parameter. This gives origin to a par-
tial state feedback controller, with cAVC deﬁned through pole-place-
ment [29] to ensure a certain level of torsional damping, without
compromising the response time of the system. A speed-based gain
scheduling of the AVC parameter is implemented here such that
cAVC = cAVC(V). The values of the parameters of the gain scheduling
are obtained ensuring the stability of the closed-loop controller in
a sufﬁcient set of linearization points representing the different
conditions of the system. Eqs. (1)–(6) show that the main non-lin-
earities arise from the backlash and the tire-road contact [30],
which depends on the force level and the speed of the vehicle. In
this respect, after the identiﬁcation of the drivetrain, simulations
Table 2
Rise time, settling time, damping ratio and overshoot during experimental tip-in tests
from 30 km/h and 60 km/h, with a torque demand of 30 Nm.
AVC ON AVC OFF
30 km/h 60 km/h 30 km/h 60 km/h
trise (s) 0.09 0.08 0.08 0.07
tsettling (s) 0.11 0.12 0.70 0.35
DR (–) 0.40 0.36 0.10 0.15
OS (%) 25 30 170 110
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pared with the non-linearity of the tire-road contact. Different oper-
ating points were selected in terms of speed and force levels (or slip
ratios) and for these the feedback controller was ﬁne tuned. From
this analysis a lower sensitivity of the required controller gains with
respect to the force compared to the speed became evident. As a
consequence, the gain scheduling was only implemented on the
vehicle speed variable, and afterwards validated for different condi-
tions of both speed and longitudinal tire force. As the variation of
the tuning variable is smooth and relatively slow, the convergence
of the controller is guaranteed [31].
The damping effect of the AVC is experimentally demonstrated
in Fig. 4 (‘AVC ON’), with a signiﬁcant reduction of the resonance
peak amplitude, associated with only a slight reduction of the actu-
ator bandwidth. Based on a comprehensive experimental fre-
quency response analysis, the cut-off frequency of the vehicle
acceleration response was found to be about 15–17 Hz (depending
on the speciﬁc test) without AVC and approximately 14–16 Hz
with AVC.
Also, a signiﬁcant beneﬁt of the AVC controller was measured
during tip-in and tip-off tests, characterized by a very fast variation
of the motor torque demands (Fig. 5). Table 2 reports the values of
the rise time, settling time, damping ratio and overshoot for a cou-
ple of tip-in tests.
3.3. The electro-hydraulic braking system unit
The vehicle demonstrator has an electro-hydraulic braking sys-
tem consisting of a brake pedal travel emulator, which provides a
desirable brake pedal force feedback to the driver; and an elec-
tro-hydraulic unit which tracks a reference pressure demand for
each caliper. This brake system conﬁguration allows decoupling
between the brake pedal force and pressure demand on each
caliper, and, thus, is well-suited for seamless actuation of direct
yaw moment control through the friction brakes and advancedFig. 6. Equivalent scheme of the electro-hydraulic braking system unit model.brake regeneration. The hydraulic circuit, detailed in [32], contains
a high-pressure hydraulic accumulator, an electrically-actuated
pump and 11 electro-valves. As in conventional hydraulic units
for stability control and anti-lock braking control, for each caliper
two valves are modulated for individual pressure control.
An equivalent model of the hydraulic circuit has been imple-
mented, according to the simpliﬁed hydraulic scheme in Fig. 6.
The dynamic behavior of the system has been lumped into a pro-
portionally controlled valve, independent for each wheel, which
connects the caliper to a high pressure accumulator or to a brake
ﬂuid reservoir depending on the valve position, and a closed-loop
pressure modulation through a Proportional Integral Derivative
(PID) controller. The ﬂow rate through the valve as a function of
the pressure drop and valve opening is expressed by:
Qb ¼
Cvalvexopening
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
paccpb
2qb
 r signðpacc  pbÞ; xopening > 0
0; xopening ¼ 0
Cvalvexopening
ﬃﬃﬃﬃﬃﬃﬃﬃﬃ
pb
2qb
 r signðpbÞ; xopening < 0
8>>><>>>:
ð7Þ
where xopening is the normalized valve opening, between 1 and 1,
with xopening < 0 when the valve connects the caliper to the brake
ﬂuid reservoir. The volume displacement characteristics of the
brake calipers, Vb(pb), were experimentally measured on a braking
system test rig and approximated through the following exponen-
tial function:
pb ¼ Kb e
Vb
Apiston
xclear
2db  1
0@ 1A ð8Þ
An example of overlap between the simulation and experimen-
tal results during a frequency response test (constant amplitude
and increasing frequency of the caliper pressure demand) is shown
in Fig. 7.
4. Direct yaw moment controller
4.1. Objectives and control structure
The main objectives of the controller are:
 To make the vehicle follow a reference set of understeer charac-
teristics, which can be signiﬁcantly different from the ones of
the Baseline vehicle without any controller.Fig. 7. Overlap of the experimental and simulated caliper pressures for the electro-
hydraulic braking system during a frequency response test.
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 To prevent signiﬁcant peak values of vehicle sideslip angle.ay ¼
1
KlinU ðax ;lÞ
dw;dyn if dw;dyn < ayðax;lÞKlinU ðax;lÞ
ay;MAXðax;lÞ þ ðayðax;lÞ  ay;MAXðax;lÞÞe
Klin
U
ðax ;lÞay ðax Þdw;dyn
ðay;MAX ðax ;lÞay ÞKlinU if dw;dyn P ayðax;lÞKlinU ðax;lÞ
8><>: ð9ÞA simpliﬁed schematic of the control structure is provided in
Fig. 8. The reference yaw rate is computed based on the steer-
ing wheel angle (d), estimated vehicle speed (V), vehicle longi-
tudinal acceleration (ax), and estimated tire-road friction
coefﬁcient (l).
The yaw rate controller comprises three contributions: (i) a sta-
tic feedforward contribution for achieving the reference understeer
characteristic in steady-state conditions; (ii) a dynamic feedfor-
ward contribution for reducing the yaw rate and sideslip oscilla-
tions induced by fast steering inputs; and (iii) a feedback
contribution, which has the same purpose as (ii), and for the com-
pensation of effects due to dynamics not captured by the simpliﬁed
models used for the design of (i) and (ii), for uncertainty compen-
sation and for disturbance compensation. The output of the yaw
rate controller is combined with that of a sideslip angle controller,
which is active only during extreme conditions, for example if the
yaw rate controller is not effective in limiting high peaks of sideslip
angle because of an erroneous tire-road friction estimation. A low-
level controller deﬁnes the individual motor torque and friction
brake pressure demands.4.2. Driving modes and reference yaw rate
The controller allows the following driving modes, selectable by
the driver:
 Normal mode: at constant speed this driving mode provides an
understeer characteristic similar to the one of the Baseline vehi-
cle (i.e., without torque-vectoring). Moreover, the driving mode
compensates the variation of the understeer characteristic as a
function of ax, as discussed in [33].
 Sport mode: compared to the Baseline vehicle, this driving
mode provides a lower understeer gradient, a wider linear
region of the understeer characteristic, and a higher maximum
value of lateral acceleration at constant velocity. The compensa-
tion of the variation of the understeer characteristic with ax is
included as well.
 Vehicle Stability Control (VSC) mode: at constant speed this
driving mode provides the same understeer characteristic as
the Baseline vehicle. The operation of this driving mode is sim-
ilar to the one of stability control systems installed on produc-
tion vehicles.
The Normal and Sport modes are based on the actuation of the
electric drivetrains for the generation of the reference yaw
moment, and on the actuation of the friction brakes only when
strictly required. In VSC mode, the two electric drivetrains always
generate the same torque demand, and only the friction brakes are
used for yaw moment control in emergency conditions.Each driving mode corresponds to a reference set of understeer
characteristics. These can be parameterized through the following
formula, which provides good ﬁt with experimental results [17]:Eq. (9) allows the reference understeer characteristics to be
expressed by parameters that have a physical meaning, namely:
(i) KlinU ðax;lÞ is the reference value of the understeer gradient in
the linear region of the understeer characteristic; (ii) ayðax;lÞ is
the reference value of the maximum lateral acceleration in the lin-
ear region of the understeer characteristic; and (iii) ay;MAXðax;lÞ is
the reference value of the maximum lateral acceleration of the
vehicle.
The tables of the steady-state reference yaw rate,
rref,SS = rref,SS(d, V, ax, l), are computed in four steps, starting from
the reference understeer characteristics:
Step 1. For the assigned values of ay and V, the steady-state ref-
erence yaw rate is given by rref ;SS ¼ ayV , assuming _b  0
according to the steady-state cornering condition.
Step 2. The corresponding dynamic steering angle, dw,dyn, is cal-
culated as a function of the reference understeer charac-
teristic: dw,dyn = dw,dyn(ay, ax, l).
Step 3. The actual steering angle (at the wheel), including the
dynamic and kinematic contributions, is computed as
[34]:
dw ¼ dwðay;V ; ax;lÞ ¼ dw;dynðay; ax;lÞ þ dw;kin
¼ dw;dynðay; ax;lÞ þ L ay
V2
¼ dw;dynðrref ;SV ; ax;lÞ þ L rref ;SSV ð10Þ
Step 4. The steering wheel angle, d, corresponding to dw, is cal-
culated through the non-linear map describing the
steering system kinematics: d = d(dw).
The steady-state value of the reference yaw rate is then low-
pass ﬁltered such that rref ¼ rref ;SS 11þsr s, which acts as a pre-
compensator.
4.3. Static feedforward contribution
The static feedforward contribution of the reference yaw
moment,MFFz;statðd;V ; ax;lÞ, is determined from a multi-dimensional
look-up table, which is computed through an off-line optimization
procedure based on the quasi-static vehicle model [17]. In order
to achieve the reference set of understeer characteristics,
dw,dyn = dw,dyn(ay, ax, l) represents an equality constraint within
the optimization. An optimization algorithm is used to minimize
a cost function, J, which, for instance, can be based on the reduction
of the drivetrain power losses or the reduction of the variance of
the slip ratios among the four wheels. J deﬁnes the criterion for
the allocation of the wheel torques [17,35] and must be designed
consistently with the on-line control allocation algorithm imple-
mented on the vehicle.
Fig. 8. Simpliﬁed schematic of the control structure.
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Step 1. Deﬁnition of a set of reference understeer characteris-
tics with the procedure deﬁned in Section 4.2;
Step 2. Deﬁnition of a set of equality and inequality constraints.
The equality constraints are represented by the equa-
tions of the quasi-static model and the understeer char-
acteristics. The inequalities relate to limitations arising
from the installed hardware components, such as: (i)
electric motor torque limitation, as a function of the
electric motor voltage, speed and temperature, (ii) bat-
tery power limitation, as a function of the battery state
of charge, current and temperature, (iii) longitudinal
slips ri, from the viewpoint of the limitation of their
absolute values and/or their distribution among the
four wheels, and (iv) braking strategy and maximum
friction braking torque.
Step 3. Optimization through minimization of the objective
function J. For instance, the objective function can be
based on the minimization of the input power to the
electric drivetrains. Due to the irregularities and local
minima of the efﬁciency maps of the electric motor
drives, a suitable optimization algorithm was deter-
mined with an initial comparison of the performance
of several routines (active set, sequential quadratic pro-
gramming, trust-region-reﬂective and interior point).
This was achieved by running the procedure with dif-
ferent initial conditions and then checking the outputs
of the alternative algorithms [17]. The outputs are the
look-up tables MFFz;statðd;V ; ax;lÞ.
For the prototype vehicle with two electric motor drives studied
here, traction conditions yield only one possible wheel torque dis-
tribution that provides the reference traction torque and yaw
moment. However, the ofﬂine procedure is capable to determine
the optimum torque distribution from the inﬁnite combinations
when more than two wheels are driven.MFFz;statðd;V ; ax;lÞ permits the vehicle to achieve the reference
understeer characteristic in static conditions for the nominal vehi-
cle. However, during extreme transients the static contribution
MFFz;statðd;V ; ax;lÞ can provoke signiﬁcant yaw rate oscillations and
overshoots. This behavior is particularly critical with the Sport
mode, which has a rather aggressive vehicle understeer character-
istic compared to the Baseline vehicle. In order to control this
undesirable vehicle response, the dynamic part of the feedforward
contribution (MFFz;dyn) and the feedback contribution (M
FB
z ) are
included in the yaw rate controller.
4.4. Dynamic feedforward contribution
The dynamic part of the feedforward contribution of the yaw
rate controller is designed in a similar way as presented in [36].
Using a linear single-track vehicle model [37], two relationships
can be established:
Gd ¼ rd ¼
Drsþ Er
Ars2 þ Brsþ Cr GMz ¼
r
Mz
¼ Frsþ Gr
Ars2 þ Brsþ Cr ð11Þ
Also, the following equations are deﬁned:
 MFFz;dyn ¼ GFFdynðsÞd, where GFFdynðsÞ is the transfer function of the
dynamic feedforward part of the yaw moment. MFFz;dyn must pro-
vide the reference dynamic response.
 rref ¼ rref ;SS 11þsr s ¼ Gd;0 11þsr s d ¼ Gd;0Gr;dynðsÞd, where Gd;0 ¼ ErCr is the
steady-state yaw rate gain and Gr;dynðsÞ represents the reference
yaw dynamics of the vehicle (with Gr;dynðsÞ having steady-state
gain equal to 1).
The purpose of the dynamic feedforward contribution is to
modify the dynamic vehicle response without changing the
steady-state gain, which is already controlled through the static
feedforward contribution. The response of the vehicle with the
static feedforward contribution is given by: Gd ¼ Gd;0Gr;dynðsÞ; by
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dynamic feedforward contribution (GMz ðsÞGFFdynðsÞd) and setting the
sum equal to the reference yaw rate (Gd;0Gr;dynðsÞd), the desired
vehicle response can be achieved, i.e.:
Gd;0Gr;dynðsÞdþ GMz ðsÞGFFdynðsÞd ¼ Gd;0Gr;dynðsÞd ð12Þ
Resolving for GFFdynðsÞ:
GFFdynðsÞ ¼
Gd;0 Gr;dynðsÞ  Gr;dynðsÞ
 
GMz ðsÞ
¼ ErðArs
2 þ Brsþ CrÞ  CrðDrsþ ErÞð1þ srsÞ
CrðFrsþ GrÞð1þ srsÞ ð13Þ
The individual terms of Eq. (13) depend on the values of the
front and rear axle cornering stiffness, which quickly change dur-
ing a maneuver with signiﬁcant variations of the steering wheel
input, and on vehicle speed (usually subject to a much slower var-
iation). The practical tuning of the controller implemented in this
paper implements a scheduling as a function of vehicle speed,
but not as a function of the estimated cornering stiffness (which
could bring stability problems).
4.5. Feedback contribution
The feedback contribution of the yaw rate controller is based on
a PID controller with gain scheduling as a function of V:
MFBz ðtÞ ¼ KPðer þ TD _erÞ þ KP
Z tfin
tin
er
TI
 et
KPTT
 
dt ð14Þ
with er = rref  r and et ¼ Mþz;tot Mz;tot (Mþz;tot deﬁned in Eq. (21). In
the practical implementation of the controller, the integral contri-
bution will be activated only for |er| larger than a threshold, which
determines a reset integrator condition. In some tunings of this con-
trol system implementation, an activation threshold of the feedback
contribution based on the yaw rate error was used. This allows
enhanced smoothness of the control action as the feedback part of
the controller contains usually more noise than the feedforward
part of the controller.
The PID controller of the speciﬁc application has to work in
highly non-linear conditions, with a signiﬁcant variety of values
of tire cornering stiffness; therefore the tuning method has to be
mainly based on the actual performance of the non-linear system,
rather than conventional loop-shaping procedures. To this purpose,
the ﬁne tuning of the gains of the PID controller was based on a
particle swarm optimization (PSO) [38] applied to the non-linear
single-track vehicle model (ﬁrst iterations of the optimization)
and the CarMaker simulation model (ﬁnal iterations of the optimi-
zation) described in Section 3. The PSO algorithm is a nature-
inspired heuristic algorithm whose effectiveness for tuning PID
controllers in the time domain has been proved in several applica-
tions [38,39], different from that of this paper.
The iterations of the optimization algorithm adopted for this
speciﬁc application are based on the following formulation of the
particle velocities and positions:
phðnþ 1Þ ¼ winphðnÞ þ c1r1 qh  qhðnÞð Þ þ c2r2 eq  qhðnÞ	 
 ð15Þ
qhðnþ 1Þ ¼ qhðnÞ þ phðnþ 1Þ ð16Þ
The position vector of each particle includes the parameters to
be optimized and in this case is expressed as:
qh ¼ ½KP; TI; TDT ð17Þ
The inertia term win (win,MIN < win < win,MAX) allows the particle to
decelerate when approaching the maximum number of iterations,nMAX, to improve the search capability and not to let the particle
pass away from the possible optimum solution. In formulas:
win ¼ win;MAX win;MAX win;MINnMAX n ð18Þ
r1 and r2 are randomly generated numbers with uniform distribu-
tion between 0 and 1. The feasibility of the problem is ensured by
ﬁnding at least one initial point within the constrained space.
The optimization algorithm is implemented according to the
following steps, repeated at different values of V:
 Choice of the particles’ initial positions and velocities. To ensure
a feasible starting point with a relatively small number of
agents (e.g., 30 for the speciﬁc application), the initial coordi-
nates are chosen from the loop shaping-derived values of KP,
TI and TD. The initial particle position and velocity distribution
is selected with random generated Gaussian distribution num-
bers within a deﬁned closed interval.
 Numerical integration of the equations of motion of the vehicle
model during simulations of step steer maneuvers at different
steering amplitudes.
 Evaluation of the cost function for each particle. The speciﬁc
cost function is the sum of the weighted combination of the
yaw rate overshoot (referred to the steady-state reference value
of vehicle yaw rate, rref,SS, for the speciﬁc operating condition)
and the Root Mean Square (RMS) yaw rate error, er, for each step
steering input j:
Jr ¼
Xf
j¼1
w1
rMAX;j  rref ;SS;j
rref ;SS;j
100þw2RMSðer;jÞ
 
ð19Þ
 Check of the constraints. Unfeasible solutions are penalized
with a large penalty factor. The considered constraints are the
maximum yaw moment and yaw rate error.
 Check of the system stability. The poles of the closed-loop trans-
fer function r/d, obtained through linearization of the non-linear
model for speciﬁc operating points, are computed. Stability is
evaluated at each iteration, if the system results unstable in a
single integration step the solution is considered unfeasible
and is assigned a large penalty factor.
 Selection of the best position of each particle and the best posi-
tion of the whole swarm till the current iteration.
 Update of the particle velocities and positions according to Eqs.
(15) and (16) within the allowed range.
In summary, the total yaw moment contribution related to the
yaw rate control becomes:
Mz;rðtÞ ¼ MFFz;statðtÞ þMFFz;dynðtÞ þMFBz ð20Þ4.6. Sideslip contribution
As will be described in Section 4.7, the yaw moment controller
includes an estimator of sideslip angle, b, and sideslip rate, _b. This
information is used to apply a sideslip-based yaw moment contri-
bution,Mz,b(t), only if the yaw rate controller is not effective in lim-
iting vehicle sideslip, e.g., due to an incorrect estimation of the tire-
road friction coefﬁcient.
The control yaw moment, Mþz;totðtÞ, for the integrated yaw rate
and sideslip angle controller has the form:
Mþz;totðtÞ ¼ q1ðMz;rðtÞ Mz;bðtÞÞ þMz;bðtÞ ð21Þ
Mz,b(t) reduces sideslip angle when the vehicle operates outside its
stable region, deﬁned by a rhomboid on the b _b phase plane, as
detailed in [40]. In this analysis, the vertices of the stable region
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Mz,b(t) is given by:
Mz;bðtÞ ¼
Kbðb bTHÞ; jbj > jbTHj
0; jbj 6 jbTHj

ð22Þ
To ensure a smooth transition between Mz,r(t) and Mz,b(t), the
term q1 is expressed as:
lnq1 ¼ q2eb ð23Þ
where
eb ¼
jb bTHj; jbj > jbTHj
0; jbj 6 jbTHj

ð24Þ
Mþz;totðtÞ is subject to saturation depending on the estimated fric-
tion coefﬁcient. In case of signiﬁcant values of er or eb, the overall
wheel torque demand, Tw, is reduced, with the respect to the value
output by the driveability controller.
4.7. Estimation of the main physical quantities
Vehicle speed is estimated from the measured wheel speeds
and vehicle deceleration (an accelerometer is installed on the vehi-
cle thus facilitating vehicle speed estimation) according to the
method presented in [42], which is based on a Kalman Filter [43].
An Extended Kalman Filter (EKF) has been implemented for the
estimation of sideslip angle and the cornering stiffness of the front
and rear axles. The model adopted for the EKF implementation is
the same non-linear single-track vehicle model [36] as in Sec-
tion 3.1, governed by the lateral force and moment balance
equations:
Fy;F þ Fy;R ¼ mVðr þ _bÞ
Fy;Fa Fy;RbþMz;tot ¼ Jz _r
(
ð25Þ
Lateral tire forces, Fy,F and Fy,R, are estimated through a non-lin-
ear brush tire model, here used for calculating the overall axle cor-
nering force [44]:
Fy;F=R¼
lF=RFz;F=R3hy;F=R tanaF=Rð1jhy;F=R tanaF=Rj
þ1=3h2y;F=R tan2aF=RÞ if jaF=Rj6asl;F=R
lF=RFz;F=RsignðaF=RÞ if jaF=Rj>asl;F=R
8><>:
ð26Þ
with hy;F=R ¼ 2cpl
2
p
3lF=RFz;F=R
and asl;F=R ¼ tan1 1hy;F=R. For the EKF implementa-
tion, Fy,F/R is linearized as:
Fy;F=R  Fyða; Fz;lÞ
 Fyða0; Fz0 Þ þ
@Fy
@a
ða a0Þ þ @Fy
@Fz
ðFz  Fz0 Þ ð27Þ
with the assumption @Fy
@t ¼ 0. The partial derivatives @Fy@a and @Fy@Fz are
calculated from the brush tire model (Eq. (26)) and are available
in closed-form. The vertical forces on the front and rear axles are
computed with the basic longitudinal weight transfer equations,
Fz;F=R  Fstaticz;F=R  maxhCGL . The front and rear slip angles are respectively
aF  dw + b + ra/V and aR  b  rb/V. By combining Eqs. (25)–(27)
with the deﬁnition of aF/R, the linearized state-space formulation
of the model is found:
_x ¼ Axþ Buþ Dx
y ¼ Cx
(
ð28Þ
with x = [b, r]T, y = r and u ¼ ½dw; Fz;F ; Fz;R;Mz;totT . Through discretiza-
tion _x  xðkþ1ÞxðkÞDt , and the discrete state-space equations for EKF
implementation become:xkþ1 ¼ Akxk þ Bkuk þ Dk þWwk
yk ¼ Ckxk þ Zzk
(
ð29Þ
The details of the matrices in Eq. (29) are provided in Appendix A. A
time step Dt = 2 ms is used for the speciﬁc application. The distur-
bance term Dk includes the constants of the linearization and the
effect of the front axle longitudinal force, Fx,F, on the lateral force
and yaw moment balance of the vehicle during steering. Fx,F is
directly estimated from the wheel torque demands. wk and zk are
respectively the process noise and measurement noise, assumed
to be white, whilst W and Z are the respective Jacobians.
Within the EKF, the a-priori estimated states are expressed as:
x^k ¼ xk1 þ Dt
1
mV Fy;F jk1 þ Fy;Rjk1 þ Fx;Fdw;k1
	 
 rk1
1
Jz
Fy;F jk1a Fy;Rjk1bþ Fx;F jk1dw;k1aþMz;tot;k1
	 
" #
ð30Þ
The a-priori estimate error covariance, the Kalman gain, the a-pos-
teriori estimate of the system states and the a-posteriori estimate
error covariance matrix are computed according to the conven-
tional EKF formulas [43].
4.8. Low-level controller
The low-level controller includes an active set-based control
allocation algorithm [45] distributing the wheel torques by mini-
mizing a cost function, J, with the following structure:
J ¼ BCAsw  v
cðDCAsw  uÞ
  ð31Þ
where v is the virtual control vector (with componentsMz,tot and Tw)
and DCAsw  u represents the wheel torque distribution criterion
(i.e., the objective function to be minimized), with c being the
weight between the two terms of J. The constraints relating to tire
friction and drivetrain power limitations are expressed in the form
CCAsW < HCA. As mentioned in Section 4.3, due to the front-wheel-
drive vehicle layout, the system is characterized by actuation
redundancy only in braking. Nevertheless, the developed control
allocation algorithm allows systematic consideration of the con-
straints for all possible electric vehicle conﬁgurations. From the
wheel torque demands calculated by the control allocation algo-
rithm, the motor torque demands and brake pressures are com-
puted considering the limitations deriving from the motor maps.
Also, to guard against the drivetrain resonance issues discussed in
Section 3.2, the determined electric motor torque demands are
modiﬁed through the AVC contribution. Furthermore, the actual
controller implemented on the vehicle demonstrator includes a
wheel slip controller (with anti-lock braking and traction control
functionalities).
In the VSC mode (actuated through the friction brakes only), in
case of excess of vehicle yaw rate (i.e., |r| > |rref|) the front outer
brake is operated [46], whilst in case of excess of understeer all
the four wheels are actuated in order to reduce vehicle velocity,
with signiﬁcant braking torque on the rear inner tire, as discussed
in detail in [47].
5. Experimental results
The direct yaw moment controller, implemented in real time on
a dSPACE AutoBox system, was experimentally tested on the Range
Rover Evoque demonstrator vehicle (see Section 2) at the Lommel
proving ground (Belgium). The list of the main inputs and outputs
of the controller is reported in Table 3, together with the indication
of their discretization and whether the CAN communication bus of
the vehicle was used for the transmission of the respective signals
Table 3
Discretization times and CAN bus interface (Yes: present; No: absent) for the main I/O
signals of the controller implemented on the dSPACE AutoBox system of the vehicle
demonstrator.
Signal Discretization time (ms) CAN bus I/O
d 10 Yes I
r 10 No I
ax 10 No I
ay 10 No I
_#w 2 Yes I
Tm,MAX 10 Yes I
Tm,dem 2 Yes O
pb,dem 2 Yes O
L. De Novellis et al. /Mechatronics 26 (2015) 1–15 11(CAN buses bring delays and potential decay of the control system
performance, [48]). In particular, three characteristic maneuvers
were performed to analyze controller performance:
 Skid pad – the vehicle is driven along a circular trajectory
(R = 60 m) with slowly increasing speed. In order to follow the
reference trajectory the driver is changing the steering wheel
input as a function of vehicle velocity [26].
 Step steer – the vehicle is driven in straight line at an initial
speed V = 90 km/h and a steering robot (model SR30 [49], used
to achieve good repeatability of the test) is imposing a fast
steering wheel input (100 deg of ﬁnal value of d, applied at a
rate of 500 deg/s). During the maneuver, the torque demand is
kept constant (electronically set at 400 Nm at the wheels, for
a repeatable execution of the test, independently from the
accelerator pedal position imposed by the driver) at the value
required to maintain the initial velocity [50].
 Sweep steer [50] – this test is performed in a similar way as the
step steer (i.e., V = 90 km/h and constant torque demand), but
the steering robot is generating a sinusoidal variation of d with
constant amplitude of 20 deg and increasing frequency, from
0.1 Hz to 3.1 Hz (rather than a step input).
All tests were repeated three times each to check the consis-
tency of the results. The maneuvers were carried out with the Nor-
mal, Sport, and VSC modes, and with the Baseline vehicle (i.e., the
passive vehicle with equal motor torque demands). The whole set
of tests for the controlled vehicle was executed for the same value
of the reference yaw rate time constant, sr. The yaw moment con-
troller was tuned to generate the same proﬁle of rref in Normal and
VSC modes.
Fig. 9 plots the lateral acceleration against steering wheel angle,
i.e., the understeer characteristic, and the sideslip angle against lat-
eral acceleration, i.e., the sideslip characteristic, which were mea-
sured on the vehicle prototype during the skid-pad maneuvers.
The considerable variation of the understeer characteristic was
achieved solely through the different driving modes, which, in0 2 4 6 8 10
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Fig. 9. Understeer characteristics and sideslip characteristics derived from skid pad test
Normal modes.turn, are only possible because of the continuous operation of
the controller. In particular, the results demonstrate that the con-
tinuous operation of the controller allows:
 The ‘on-demand’ change of the understeer gradient (e.g., by
selecting a driving mode) in order to provide a vehicle behavior
that can be more reactive or less reactive in common driving
conditions. For example, with the test vehicle the understeer
gradient @d
@ay
measured at ay = 3 m/s2 ranges from 1.1 deg/m/s2
in Sport mode to 1.9 deg/m/s2 for the Baseline vehicle (with
1.7 deg/m/s2 in Normal mode).
 The extension of the linear region of the understeer characteris-
tic, ranging from 4 m/s2 in Baseline mode to 8 m/s2 in Sport
mode (with 6 m/s2 in Normal mode). A wider linear region pro-
vides a more consistent feel to the driver during cornering at
different speeds, i.e., the driver does not have to adapt to a pro-
gressively varying vehicle response. However, the considerable
extension of the linear region, such as the one achieved with the
Sport mode, reduces the non-linear transition region up to the
physical cornering limit, which may yield a rather surprising
vehicle response for the inexperienced driver.
 The increase of the maximum value of lateral acceleration, from
8.3 m/s2 for the Baseline vehicle and in Normal mode to 9.0 m/
s2 in Sport mode, thus enhancing the absolute cornering perfor-
mance in extreme conditions.
The sideslip characteristic shows that the absolute value of
steady-state sideslip angle is marginally larger for the aggressive
Sport mode, which is considered by the car maker involved in
the activity [24] a distinctive desirable feature of this driving mode.
As these values of |b| are signiﬁcantly lower than the sideslip
threshold bTH deﬁned in Section 4.6, this behavior is not cause of
any safety concern, provided that the sideslip angle dynamics are
effectively controlled during transients, as it will be demonstrated
for the step steer tests.
Figs. 10–12 compare the performance of the different driving
modes during the step steer tests. Table 4 reports the values of
the main parameters, namely: (i) the yaw rate overshoot, evalu-
ated as OSr = 100(rMAX  rref(tMAX))/rref(tMAX); (ii) the peak value of
sideslip angle, bpeak; (iii) the average value of measured vehicle
acceleration, ax,8s (with negative values in case of deceleration),
during the 8 s following the steering wheel input. This deceleration
is mainly provoked by the motion resistance effect of lateral tire
slip; and (iv) the peak value of vehicle deceleration, ax,MIN, follow-
ing the steering wheel input.
As indicated by Figs. 10 and 11, compared to the controller tun-
ings with the similar steady-state yaw rate (Baseline, Normal and
VSC), the Normal mode yields a vehicle response with the smallest
yaw rate overshoot (OSr = 52.3%) and lowest sideslip angle peak
(bpeak = 3.1 deg). Although the Sport mode is tuned towards more
aggressive behavior than the Baseline vehicle, the values of OSr0 2 4 6 8 10
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Table 4
Main evaluation parameters for the step steer test.
Vehicle mode Evaluation parameters
OSr = 100(rMAX  rref(tMAX))/rref(tMAX) (%) bpeak (deg) ax;8s (m/s2) ax,MIN (m/s2)
Baseline 105 11 0.49 1
Sport 50.5 5.1 0.54 1.5
Normal 52.3 3.1 0.51 1.8
VSC 84.9 4.7 0.63 3
Fig. 13. Yaw rate frequency response characteristics during experimental sweep
steer tests for the Baseline vehicle, and the controlled vehicle in Normal and Sport
modes.
L. De Novellis et al. /Mechatronics 26 (2015) 1–15 13and |bpeak| (i.e., the main parameters affecting vehicle safety during
transients) are considerably lower for the Sport mode than for the
Baseline vehicle. What is more, in Sport mode OSr is also signiﬁ-
cantly better than for the VSC mode, which indicates the effective-
ness of the continuous actuation of the direct yaw moment
controller in terms of safety enhancement. This analysis is espe-
cially relevant as OSr is deﬁned in a dimensionless form, so it
already takes into account the cases corresponding to lower or
higher yaw rate references. The higher overshoot in VSC mode is
due to the actuation delay of the friction brakes in the VSC mode
and the delayed activation of the VSC system, only when a thresh-
old of yaw rate error is exceeded (rather than being continuously
active as for the case of the torque-vectoring controller based on
the electric drivetrains). The conclusion is that the VSC actuated
through the friction brakes is not particularly effective in the initial
yaw rate build-up phase.
The marginally higher absolute value of bpeak in Sport mode
(bpeak = 5.1 deg) than in VSC mode (bpeak = 4.7 deg) is caused
by the higher absolute values of steady-state sideslip angle in Sport
mode, characterized by an aggressive cornering response. How-
ever, the overshoot in sideslip response in Sport mode is signiﬁ-
cantly lower than in VSC mode, which is particularly relevant for
vehicle safety.
These are very signiﬁcant experimental results, especially con-
sidering the on-board conﬁguration of the electric drivetrains,
characterized by the dynamic performance discussed in Section 3.
The difference in the concepts of a continuously operating direct
yaw moment controller and a typical stability control system
found on a current passenger car is indicated by the change in
the maximum deceleration level with the driving modes during
the step steer test. As shown in Table 4, the vehicle with direct
yawmoment control through the electric drivetrains (Sport or Nor-
mal modes) experiences considerably lower deceleration values
than the VSC mode (i.e., 1.5 m/s2 and 1.8 m/s2, compared to
3 m/s2), which relies on the actuation of the friction brakes to
achieve the reference yaw moment (thereby also creating a brak-
ing torque).
Fig. 11 includes the overlap between the time history of the
sideslip angle estimated by the EKF and the sideslip measurement
through a Corrsys–Datron sensor [51] installed on the vehicle dem-
onstrator during the step steer tests with and without the control-
lers. The sideslip estimation is particularly accurate during the
signiﬁcant oscillations occurring after the steering wheel input
application. The estimation of the sideslip angle in static and tran-
sient conditions is intrinsically characterized by some level of
approximation, since it is based on the simpliﬁed brush tire model
used within a single-track vehicle model. The sideslip angle esti-
mation error is less than 2 deg in any condition during the exe-
cuted step steer tests (and is actually much less than 2 deg in the
safety–critical part of the tests). The ﬁnal offset between the
steady-state and actual values of sideslip angle is satisfactory for
the purpose of the activity and does not affect the performance
of the developed controller, since the estimation is used only for
signiﬁcant values of sideslip angle, when the sideslip controller is
activated (estimated sideslip angle larger than a safety–criticalthreshold) as emergency feature within the torque-vectoring
controller.
Figs. 10 and 11 also show the overlap between the experimental
yawrate and sideslip angle valuesmeasuredduring the experiments
and those from the CarMaker simulation model adopted during the
tuning phase of the controller. The simulation results provided a
very good prediction of the actual performance of the overall system
on the vehicle, and are the ultimate conﬁrmation of the validity of
the proposedmodel-based tuning procedure of the controller, capa-
ble of signiﬁcantly reducing the vehicle testing time.
In terms of control action, Fig. 12 plots the experimental time
histories of Mz,tot for the Normal and Sport modes. In both driving
modes, at the start of the step steer test (at around 69.5 s), Mz,tot
has a short positive peak (i.e., a destabilizing yaw moment) in
order to reduce the initial delay in vehicle response. The positive
peak is followed by a stabilizing yaw moment (negative peak) in
order to achieve stable vehicle response (i.e., reduction of OSr and
|bpeak|), and a ﬁnal progressive transition ofMz,tot to its steady-state
value, depending on the selected driving mode.
Fig. 13 shows themeasured yaw rate frequency response charac-
teristic during the sweep steer test. The vehicle in Normalmode and
Sport mode, with the continuous actuation of the electric drive-
trains, exhibits a smaller resonance peak and a larger bandwidth
than the Baseline vehicle. The steady-state gains are consistentwith
the respective understeer characteristics, i.e., higher for the Sport
mode and similar for the Normal mode and Baseline vehicle.
As discussed, all these results obtained with the continuous
actuation of torque-vectoring are fully aligned with the initial sim-
ulation-based expectations, and demonstrate the signiﬁcant bene-
ﬁt of direct yaw moment control actuation through on-board
electric drivetrains. As future step in this research, the continuous
actuation of the same yaw moment controller through in-wheel
electric drivetrains will be evaluated, since it is expected to bring
further beneﬁts during transient cornering maneuvers, because of
the absence of the drivetrain torsional dynamics and the associated
delays.
6. Conclusions
The paper presents a direct yaw moment controller for fully
electric vehicles with multiple drivetrains. The controller was
14 L. De Novellis et al. /Mechatronics 26 (2015) 1–15experimentally tested on a prototype vehicle in three characteristic
maneuvers. The results allow the following conclusions:
 The actuation of direct yaw moment control through on-board
electric drivetrains can beneﬁt from the implementation of a
speciﬁc anti-jerk control functionality, i.e., the Active Vibration
Controller, which reduces the resonance peak and increases the
torsional damping of the system, thus allowing continuous and
precise yaw moment modulation.
 The direct yaw moment controller continuously actuated
through the electric drivetrains permits the deﬁnition of dif-
ferent driving modes, each of them characterized by a differ-
ent steady-state cornering response, deﬁned through a set of
understeer characteristics. The clear and systematic approach
in the deﬁnition of the objectives of the torque-vectoring con-
troller represents a signiﬁcant progress beyond the state-of-
the-art.
 The overall control structure, including feedforward and feed-
back yaw rate and sideslip controllers, is characterized by sim-
plicity and ease of tuning, and does not require heavy
computational performance of the control unit installed on
the vehicle.
 The static feedforward contribution of the torque-vectoring
controller was obtained through a novel off-line procedure
based on a quasi-static vehicle model, bringing the expected
experimental understeer characteristics for the different driving
modes without any ﬁne tuning of the controller on the proving
ground (which is the standard of current practice).
 The actual feasibility and effectiveness of the model-based
automated tuning of the feedback part of the torque-vectoring
controller, based on a particle swarm optimization algorithm,
was demonstrated by the good experimental outputs and the
excellent ﬁt between the simulation model results and the
experiments.
 From a mechatronic viewpoint, the actuation of the proposed
direct yaw moment controller through the electric drivetrains
allows a beneﬁt in terms of vehicle safety, with respect to the
conventional actuation through the friction brakes only. For
the speciﬁc tuning of the control system parameters, continu-
ous direct yaw moment control has resulted in a signiﬁcant
reduction of yaw rate and sideslip overshoots experimentally
measured during step steer tests, and lower vehicle decelera-
tion. This is a major contribution of the paper as the experimen-
tal comparative analysis on an actual vehicle demonstrator was
so far absent in the literature.
Future work will cover the experimental assessment of the con-
trol system performance for low tire-road friction conditions.
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2013 under Grant agreement No. 284708.Appendix A. Formulation of the discretized model for EKF
implementation
The subscripts ‘k’ are omitted for brevity, unless when they are
strictly required.
Formulation of the matrix Ak:
Ak ¼
A11Dt þ 1 A12Dt
A21Dt A22Dt þ 1
 
ðA:1Þ
with:A11 ¼ 1mV
@Fy;F
@a
þ @Fy;R
@a
 
A12 ¼ 1mV
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a
V
 @Fy;R
@a
b
V
 
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 !
ðA:2Þ
Formulation of the matrix Bk:
Bk ¼ Dt
B11 B12 B13 B14
B21 B22 B23 B24
 
ðA:3Þ
with:
B11 ¼  1mV
@Fy;F
@a
B12 ¼ 1mV
@Fy;F
@Fz
B13 ¼ 1mV
@Fy;R
@Fz
B14 ¼ 0
B21 ¼  1Jz
@Fy;F
@a
a B22 ¼ 1Jz
@Fy;F
@Fz
a B23 ¼  1Jz
@Fy;R
@Fz
b B24 ¼ 1Jz
ðA:4Þ
Formulation of the matrix Ck:
Ck ¼ ½0 1 ðA:5Þ
Formulation of the matrix Dk:
Dk ¼ Dt
1
mV ðFy;F þ Fy;R þ Fx;Fdw;kÞ
1
Jz
ðFy;Fa Fy;Rbþ Fx;Fdw;kaÞ
" #
ðA:6Þ
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Fy;F=R ¼ Fy;F=R

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